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ABSTRACT

Frost formation on air-source evaporators in cold and humid climates significantly increases energy consumption due to airflow obstruction and thermal insulation.
While this issue is well recognized, effective control strategies for multi-evaporator fields remain underexplored. This paper presents a novel evaporator model that
combines experimental validation under transient frosting conditions with a new algorithm for solving frost accumulation and defrosting process across an entire

evaporator field coupled to the heat pump cycle.

The model is applied to simulate a large-scale ammonia heat pump serving a Danish district heating network over an annual period. Results show that neglecting
frosting in design analyses can lead to strongly overestimated performance, with total costs increasing by up to 70 % once frost and defrosting cycles are considered.
The study also identifies an optimal field configuration of 80 evaporators with a fin pitch of 9 mm and an airflow velocity of 3.5 m/s, and shows that defrosting 20 %
of the field simultaneously is more effective than defrosting 10 %. Overall, the outcomes emphasize the critical importance of accounting for frost and defrosting
cycles in thermo-economic optimization, showing that the optimal design depends on local climatic conditions and should be supported by dedicated modelling tools.

1. Introduction

District heating networks (DHN), first introduced in the late 19th
century, have consistently played a crucial role in meeting the heating
demand of the building sector across numerous countries [1]. Current
international policy anticipates that a significant portion of residential
heating demand (approximately 20 %) will be supplied by sustainable
and carbon-free district heating systems [2]. In this evolving energy
landscape, large-scale vapor compression heat pumps emerge as an
efficient technology with the potential to significantly contribute to the
decarbonization of heating systems and foster greater integration be-
tween the heating and power sectors by increasing the utilization of
renewable energy sources [3]. Air-source heat pumps, in particular,
offer the notable advantage of flexible installation, typically employing
extensive fin-and-tube air-refrigerant heat exchangers as evaporators
[4].

However, a key operational challenge arises as district heating net-
works are frequently situated in geographical areas characterized by
cold and wet weather conditions. Such environments can negatively
impact the proper functioning of the evaporator field due to the occur-
rence of frost formation [5]. Frost formation on air-refrigerant fin-and-
tube heat exchangers has been a widely studied issue for decades in both
refrigeration and air conditioning systems [6]. Experimental studies
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have consistently shown that the reduction of the air-side flow area and
the insulating properties of frost are primary contributors to evaporator
performance degradation [7]. The properties of frost and its formation
dynamics are highly dependent on environmental and surface boundary
conditions [8]. Consequently, detailed experimental investigations have
been conducted on various surfaces, including plates [9], cylinders [10],
and surfaces with specific characteristics like interaction with water
drops or finning [11,12]. Beyond experimental efforts, diverse methods
have been developed to predict frost behavior, including its growth and
properties during the formation transient [6]. These methods range from
empirical correlations based on reduced parameters [13] to more
localized approaches [14]. The latter are typically founded on transient
convective and diffusive heat and mass transfer equations, enabling the
prediction of property distribution within the frost layer. Notably, local
approach analyses have served as the foundation for developing detailed
models of fin-and-tube heat exchangers that account for frost formation
[15-17].

Once frost accumulates on the evaporator surface, an appropriate
defrosting technique and strategy become essential to ensure the
continuous operation of the system. The primary objectives of defrosting
are twofold: achieving optimal timing to prevent both excessive frosting
and unnecessary defrosting, and implementing an effective technique to
clean the surface as efficiently as possible. For large-scale heat pumps,
hot gas bypass defrosting is a benchmark process [18]. This method
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Nomenclature

Symbols

Specific heat, J/(kgK)

Diameter, m

Heat transfer coefficient, W/(m?K)

Specific enthalpy, kJ/kg

Latent heat of desublimation, J/kg (2830 kJ/kg)
Mass transfer coefficient, kg/(mzs)

Mass flow rate, kg/s

Number of tube rows

Pressure, Pa

Pitch, m

Thermal power, kW

Radius, m

Thickness, m

Internal energy, J

Uncertainty, [%]

Overall heat exchanger conductance (W/K)
Velocity, m/s

Ng T oo

3

zs

IS el BV o W VT~

“s

a Thermal diffusivity, (m3/s)

5 Frost layer thickness, m

n Efficiency, [-]

A Thermal conductivity, W/(mK)
p Density, kg/m®

0 Time, s

[0} Specific humidity, kgu20/Kgair
Subscripts

co Condensing

ev Evaporation

f Frost

int Intermediate

is Iso-entropic

lv Liquid-to-vapor

ref Refrigerant

sur Surface

t Tube

v Water vapor

Greek letters

utilizes a portion of the hot refrigerant vapor from the compressor outlet
to alternately defrost one or a group of evaporators in the field. Exten-
sive experimental and modeling activities have been dedicated to pre-
dicting the time required to melt a given amount of frost [19,20],
particularly with the aim of analyzing subsequent frosting/defrosting
cycles.

The combined effect of frost formation and the defrosting process
invariably leads to a deviation from the nominal performance of the heat
pump. This deviation is more pronounced under critical weather con-
ditions. While this performance degradation has been thoroughly
investigated for small and medium-sized heat pumps [21], there remains
a notable gap in knowledge for large-scale systems. The complexity of
multiple evaporators operating in parallel within a field, mutually
influencing each other’s airside flow, makes this problem particularly
challenging from both experimental and modeling perspectives. To date,
this specific topic for large systems has been addressed only by experi-
mental studies. For instance, the work by Li X. [22] et al. or Liang et al.
[23] evaluates the effect of alternate defrosting of evaporators for both
direct and indirect expansion systems. Few evaporators are involved in
these studies compared to dozens of modules making up a field. At this
purpose, on field experimental studies have been conducted by Hansen
et al [4] or Liang S. et al. [24] but the latter regards a field of air-source
heat pumps instead of a single system. To the best of our knowledge, no
modelling studies focusing on evaporator fields are available in litera-
ture. Although detailed modeling approaches for frost formation and
melting processes are available for single fin-and-tube heat exchangers,
they are often not directly applicable to large, complex multi-evaporator
systems. Current methodologies for such systems frequently rely on
simplified SCOP or COP penalization terms to account for frost forma-
tion. This is the case of the work by Wei et al. [25], in which the penalty
associated with frosting and defrosting cycles is summarized by a cor-
relation based on ambient temperature. As indicated by Cabrol and
Rowley [26], the use of this method requires correction coefficients
based on air humidity calibrated for the specific machine. Such methods
may not accurately capture the intricacies of this complex phenomenon.
For instance, evaporator surface conditions are fundamental for esti-
mating frost formation. Furthermore, other methods of COP evaluation,
as investigated by Pieper et al. [27], do not consider frost formation.

Against this background, the present work aims to develop a
comprehensive model for a large-size air-source heat pump. The novelty
of the study is related to several aspects. Firstly, the evaporator model is
validated with dedicated experiments under transient frosting

conditions, which are quite rare in literature and provide a solid basis to
assess the model reliability. Secondly, a new algorithm is introduced to
solve the frost accumulation and defrosting process across the entire
evaporator field, explicitly coupled with the heat pump cycle, thus
having realistic simulations at system level. Finally, the model is applied
to perform seasonal analyses that quantify the penalization on perfor-
mance caused by recurrent frosting and defrosting cycles, allowing the
identification of optimal field configurations and defrosting strategies.
The impact of fin and tube geometrical characteristics is therefore
assessed to provide practical guidelines for the thermos-economic
design of large evaporator fields.

The paper is organized as follows: first, the system model is
described, with particular attention to local heat transfer within the
evaporator under frosting and melting conditions. Subsequently, the
model is calibrated and validated using dedicated experimental tests.
Finally, a broad domain of evaporator field configurations (in terms of
geometrical and field size values) is investigated under frost-free con-
ditions and evaluated based on total costs, revealing a more constrained
area of thermo-economic convenience in design conditions. These
identified optimal configurations are then simulated, incorporating
frosting/defrosting cycles, to determine the true minimum total costs.

2. System description and general equations

This section presents the description of the system model, starting
from the heat pump model and focusing on the detailed modelling of the
evaporator field with frosting and defrosting cycles.

2.1. District heating network

The heat load of a district heating network is related to two main
factors: the utilization factor f,, (i.e. the number of buildings out of the
total requiring heat at a certain time of the day) and the ambient tem-
perature that is the main variable involved in the heat thermal load
evaluation for a building in the heating season [28]. Therefore, the heat
rate required by the network is:

Qdes

QDHN :fth(Twnb) :fut m

(Tamp + 16) 1)

The heat thermal load Q(Tamb) is a linear function of the ambient tem-
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perature, defined by the design heat thermal load Qg at the design
temperature Tgpp ges (i-€. the ambient temperature covering the 97 % of
the possible winter season temperature [28] and the off temperature
(16 °C). The utilization factor changes along the day and its magnitude is
different depending on the month of the winter season as shown in Fig. 1
that is an example pattern taken from the work of Noussan et al. [29].

2.2. Heat pump scheme and model

The architecture of the large-size air-source ammonia heat pump
considered in this work is one of the common configurations for this
kind of systems [27]: a two-stage compression thermodynamic cycle
with an intermediate pressure liquid receiver and a second liquid
receiver on the low-pressure side. The low-pressure receiver connects
the low-stage compressor with the air-refrigerant evaporator field,
allowing a wet direct expansion working mode. The system scheme is
shown in Fig. 2 where all the main components are shown including also
the branch related to the hot-gas bypass defrosting system (highlighted
in red) whose details are described in the following section.

The main assumptions of the thermodynamic cycle, whose specific
enthalpy-pressure diagram is shown in Fig. 3, are the following:

e The inlet vapor quality for both compression stages (1 and 3 in Fig. 2)
is equal to 1.

e Refrigerant in condition (5) is subcooled or saturated liquid, while it
is saturated liquid for condition (7).

e The intermediate pressure p;, is evaluated as known in literature to
get the same pressure ratio for the two stages pine = p3 = /P1-Pco [3]-

Apart from the evaporator field, the main components of the system
are modelled in a simplified way. Expansion valves are modelled with
iso-enthalpic transformations. The compressors’ outlet conditions (2)
and (4) in Fig. 2) are evaluated through the global efficiency 7, and the
iso-entropic outlet conditions as stated in Eq. (2).

(2 — i3)) )

i) = li(3) +
Ney )

Global efficiency curves for screw compressors are taken from literature
[27]. The condenser is not modelled in this work, and the condensation
temperature is assumed as a constant, having a regulation on the water
flow rate to the district heating network. Since the condenser must
balance the heat network load (Qpyy = Ou,), the condenser mass flow
rate m, is evaluated as depicted in Eq. (3).
Qe
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The energy balance on the intermediate liquid receiver leads to the in-
termediate mass flow rate m;,, of Eq. (4).

Tflw(i3 — is) + Tflhgbp(ig — iz)
(iz — i)

C)

Mipe =

Furthermore, the thermodynamic condition on the return line from the
evaporator field is evaluated through the energy balance on the low-
pressure liquid receiver through Eq. (5):

_ Meyiy + Mine (i — is) + Mpgyp (I — 115)
Mey

(5)

ill

The refrigerant mass flow rate m,, circulating from the low-pressure
liquid receiver to the evaporator field is defined through the coupling
of a fixed quadratic characteristic curve for the parallel set of recircu-
lating pumps considered and the pressure drop calculation along the
low-pressure circuit. Given the mass flow rates, the part load regulation

factor (%) is evaluated for screw compressors from the following

equation:

. . . n
Meo(ine) + Maghp = P1(3) Vmax13)Mye, | — (6)
@ \no/ ¢,

where volumetric efficiency #,, presents a decreasing linear relationship
with respect of pressure ratio and Vma_xl(g) is the ideal volumetric flow
rate according to the compressor displacement. Therefore, compressors
consumption, the evaporator field cooling capacity and the COP are
defined as follows.

Le, +Lc, = (Tfltm + mhgbp) (iz — 1)+ (rr'lm + rr'l;,gbp) (ig —13)
Qev = Mg Al X1 @

COP(6) = Qv
Lo, + Lo, + Lo

The consumption from auxiliary components (L) refers to recirculat-
ing pumps and axial fans of the evaporator field.

2.3. Hot gas bypass system

As stated in the introduction, the heat pump modelled uses a hot gas
bypass system to realize defrosting. The common technique to define the
defrosting process start time is to use a time-based strategy that is active
only when climatic conditions are favourable for frost formation
through air temperature and humidity measurement combined with
evaporation temperature one [30]. Furthermore, a practical method

6 7 8 9 10111213 141516 17 18 19 20 21 22 23

Daily hour

=January =—=February =——March ===April ===October =—=November =—=December

Fig. 1. DHN daily utilization factor pattern as a function of the daily hours and month of the heating season.
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Fig. 2. Large-size air-source ammonia heat pump schematization with hot gas bypass defrosting branch (highlighted in red) and its valves (ODB, opening defrosting

branch, HGSV, hot gas solenoid valve and DRR, defrost relief regulator).
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Fig. 3. Thermodynamic cycle of the two-stage ammonia heat pump system on
specific enthalpy-pressure diagram.

From high-pressure
compressor outlet
1
|

used to define the end of the defrosting cycle is through a set-point
temperature of the coil to be reached after the melting of frost. Ac-
cording to the ASHRAE technical specifications regarding ammonia
systems [18], the basic schematization of the hot gas bypass system is
showed in Fig. 4.

The defrosting process happens at an intermediate pressure preier
fixed by the DRR (“defrost relief regulator”) while the HGSV (“hot-gas
solenoid valve”) adjusts the mass flow rate ryg, according to the sub-
cooling control at the evaporator outlet. The vapor quality related to the
hot-gas bypass mass flow rate Xg, is evaluated through an iso-enthalpic
transformation from the relief pressure to the evaporating pressure. This
mass flow rate is provided through an increment of the compressor
speed in order not to reduce the mass flow rate needed by the condenser
to meet the district heating network load. For this reason, there is an
additional energy consumption Epg, to be considered in the whole sys-
tem energy balance as described in Eq. (8).

Engby = Mingpp Al 484 ®

The total time of the defrost process 64 takes into account the time
needed to melt the frost and heat the coil resulting from the model of the

rnco+ mhghp

12 13

Mhgby peo HGSV

Evaporator

14 15

<

prelie[ DRR Pev

To low-pressure
~  receiver

Meo

|
1
To condenser inlet

Fig. 4. Schematization of the hot gas bypass system.
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defrost transient described in the following sections. Moreover, an
additional fixed time is considered for the starting transient related to
the pressurization of the evaporator at the relief pressure and the final
dripping phase realized through the activation of fans before working
conditions are restored [18].

2.4. Evaporator field

The evaporator field is made by several fin and tube heat exchangers
working in parallel as shown in Fig. 5(a) having a wet direct expansion
on the refrigerant side (outlet vapor quality less than 1). Each evapo-
rator can be in one of the three statuses: free surface, frost formation or
defrosting. For this reason, a global conductance of the field UAq could
be defined as the sum of the conductance of the active evaporators Ney qct
(i.e. those that are not defrosting):

Nevact

UAgea = Y |, (UA), ©

n=1

Qev = UAﬁeldATair—ref.

This global conductance is the key parameter to define the coupling
evaporation temperature (i.e. saturation temperature within low-
pressure receiver) between the field and the rest of the system. Each
evaporator of the field is equipped with axial fans. In case of partial load
conditions, a 3-step regulation for axial fan rotating speed is considered
to keep at least a minimum temperature difference between the inlet
ambient air temperature and the evaporating refrigerant to 3 °C. Also,
the refrigerant mass flow rate m,, regulation is made de-activating some
of the pumps in parallel after the low-pressure liquid receiver.

The use of horizontal evaporators can lead to air recirculation,
especially when the air is blown upwards. Also, their proximity in a field
can cause mutual interference in the air flows. This results in the so-
called cold island effect [24] (i.e. lower average inlet temperature and
higher relative humidity than undisturbed air) with air flows that differ
from the nominal values. Furthermore, this effect is strongly dependent
on external factor such as wind [31] or the occurrence of frost formation
alters the air flow opening angle at the fan outlet, modifying the po-
tential recirculation. Given the considerable uncertainty regarding the

(a)
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recirculation factors to be implemented and the lack of experimental
data, this effect is not considered.

2.5. Matching of components defining the current balancing point

Evaporating conditions within low-pressure receiver must be such as
to satisfy the cooling capacity defined by both the thermodynamic cycle
and the heat transfer modelling of the evaporator field.

Assigned a first guess saturation temperature within low-pressure
receiver (Tg =Ty = Ty; = Tp), the thermodynamic cycle is estab-
lished by the set of equations described within Section 2.2. Modelling
the evaporator field leads to an evaporator field cooling capacity
depending on the global conductance expressed in Eq. (9). The
balancing point is the one that allows to have the same cooling capacity
from Eq. (9) and Eq. (7) for the guess saturation temperature.

For the guess value there will be a mismatching between the two
mentioned values of the cooling capacity. A new guess value can be
iteratively assigned in order to reduce this error below a threshold value
established for the present work at 1 %.

3. Evaporator modelling

The modelling approach used in this work is based on dividing the
heat exchanger coil in several elements i along each tube j of the
refrigerant circuit for all the tube rows k as depicted in Fig. 5(b). The
total evaporator cooling capacity Q,, is equal to the sum of the
elementary heat transfer contributions Q; jk- Each element is modelled
according to a finite volume approach, defining a suitable calculation
mesh.

%3 3
j i

10

The heat transfer domain of a single evaporator element is depicted in
Fig. 6 using a radial symmetry with respect of the tube axis and an axial
symmetry with respect of the fin axis. Apart from the fin and the tube, a
growing frost thickness is considered whenever the surface temperature
is below 0 °C and the dew point of moist air. According to the finite

Qre/'- i
. . Jk
i O o e ij
iairs g + AL, I'Jref' Pref + AP,
Wair Wiy +Aw ref ipef + Al
APuir

(b)

Fig. 5. An example of evaporator field of a heat pump in a district heating thermal station (a) and the tube-element schematization to model the single fin and tube

heat exchanger (b).
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Fig. 6. An element of the evaporator and the characterization of the heat
transfer domain for the finite volume approach.

volume approach, it is defined a grid with a single row of M volumes for
the tube and a single column of N volumes for the fin, since fin and tube
pitches are at least an order of magnitude more than their thicknesses.
Instead, the frost thickness is divided in multiple volumes P that adapt
their dimension according to the rate of growth defined by frost for-
mation model. The heat transfer for the frost is characterized by con-
vection with air and conduction with the coil (radiation is neglected),
except for the overlapping zone at the elbow between the tube and the
fin base where only conduction is present (darker blue square in Fig. 6).
For each volume V of the grid, the energy balance given by the sum of
the heat fluxes on the s edges is defined as follows:

. _dUV
2Q="g an

The accumulation term in case of frost volumes takes into account only
the mass of water, neglecting the air contribution. The details about the
characterization of the heat rates Q, are provided in Appendix Al. Ac-
cording to the symmetry, the fin axis, the tip of the fin and the tube end
are considered as adiabatic surfaces, while the convective heat transfer
with air and refrigerant is evaluated through heat transfer coefficient
calculation depicted in Appendix A2.

The sum of the heat rates on the volume edges in contract with the
airflow define the heat rate Qairi,-k for the element of the evaporator
shown in Fig. 5(b). The same is valid for the volume edges in contact
with the refrigerant flow, resulting in the heat rate Qrefl,.k' These con-
tributions are used to estimate the enthalpy variations across the
element as depicted in Fig. 5(b).

The refrigerant within each tube-element experiences a pressure
drop Ap;jx that is equal to the sum of a frictional (Apy,, ), momentum
(Apm;;,) and the gravitational (Apy,, ) contributions.

ApiJ~k = Apffu.k + Apmi.i.k + Apgi.j.k (12)

Instead, air side pressure drops are evaluated with proprietary correla-
tions provided by the manufacturer. The actual air flow is obtained by
matching the air side pressure drop to the axial fan characteristic curve.
For this operation, a blockage ratio of the free-flow area due to the frost
presence is considered. Details about pressure drop correlations for both
air and refrigerant side are provided in Appendix A2.
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3.1. Frost formation model

When the surface temperature of the evaporator is both below 0 °C
and the dew point of moist air, the model takes into account frost for-
mation on the evaporator surface. According to the state of the art about
frost formation models on fin and tube heat exchangers, the sub-model
here presented counts the following assumptions [32]:

e The frost layer growth is one-directional and orthogonal to the
evaporator surface, but due to the finite volume approach, different
layer thickness will form on the fin and the tube for the single
evaporator element.

e Frost thermophysical properties are considered as constants within
the frost layer.

e Heat transfer within frost layer is only conductive and its thermal
conductivity is only dependent on frost density.

The first assumption neglects the portion of frost that is growing on
the leading edge of the fins on the airflow frontal area of the evaporator.
According to Padhmanabhan et al. [15], the growth of this portion of
frost is uninfluential on the airflow chocking until the frontal area is
quite completely occupied by the frost having its propensity to grow out
of the coil envelope. According to the second hypothesis, frost layer is
regarded as a homogenous porous layer. This assumption has been made
in line with the numerous models developed in literature, as resumed in
the review by Li and Wang [32]. The third assumption comes from the
mathematical model proposed by Tao et al. [33] where the thermal
conductivity is expressed as a series expansion of frost density.

Frost formation could be assumed as a phenomenon consisting of
convective and diffusive heat and mass transfer involving a total mass
flux of water vapor Gy toward a cold surface that leads to frost accu-
mulation [9] along the z direction orthogonal to the surface.

d [, (i 1
6 =5 o a3)

Starting from an initially clean surface, frost growth could be divided in
an early and short crystal growth period and a fully developed frost layer
growth period that starts when frost crystals branch out and join to
create a layer that could be assumed as a macroscopic homogeneous
porous medium [33]. In this stage, the total mass flux of water vapor
consists of a “growth” contribution G, that is related to the convective
heat and mass transfer and of a “densification” contribution G, that is
related to the diffusive mass transfer within the frost layer where a water
vapor concentration gradient occurs.

Gf =Gy +Ggy a4

Fig. 7 shows the schematization of the main parameters involved in frost
formation for a generic volume of frost of the evaporator element (the z
direction becomes the x axis for the frost growing on the fin or the r axis
for the frost growing on the tube). The heat continuity boundary con-
dition applies at the frost surface in contact with the airflow as follows:
%z:(s :q+Gg.isv (15)

s

ky

.Tair: Wair
Frost surface  q Ty
°

Frost layer

Tsur » Wsur

Fig. 7. Schematization of all the parameters involved during frost formation on
a generic segment of the evaporator surface.
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Where the sensible contribution is given by the convective heat flux ¢
and the latent contribution is related only to the growth contribution.
Through the analogy between convective heat and mass transfer coef-
ficient using the Lewis number, the total water vapor mass flux could be
evaluated as follows:

G = Kin(@air — Osur) (16)

Additional details about the mass transfer coefficient calculation are
provided in Appendix A3. According to Hermes et al. [9], using the
boundary condition of Eq. (15), the densification contribution could be
expressed as follows:

Gd :bOGg.(Sf% (17)

2=0;

This equation is obtained assuming that, according to the empirical
evidence from the first studies of Hayashi et al [34] to the latest ones [6],
the density of the frost layer can be expressed with an exponential
function of the frost temperature and other boundary condition tem-
peratures in the form p; = ae®*D. Through Eq. (17), the overall mass
balance in Eq. (14) becomes a second order equation that can be solved
with respect of the growth contribution.

MG§+ (1 +M—f'q)gg_gf:o 18)
ks ks

Therefore, Eq. (14) can be integrated using an integral approach with
respect of time for both frost density and layer thickness, following a
common approach in literature, of which the work by Lee et al. [35] is an
example.

dy _Ga
do & 19
5 _Gg
o s

According to Eq. (19), a couple of starting conditions for both initial
frost thickness and density are needed. Despite initial frost thickness
could be set to very small values (1x m), the initial value for density is a
challenging problem. Indeed, this value has a close relationship with the
characteristic of ice crystal growth which is strongly dependent from all
the boundary conditions of the problem [36]. For these reasons, the
approach used in some model with a fixed starting value for density
[37,38] cannot be considered the right solution for the prediction of
frost formation in a wide range of boundary conditions, while a general
correlation should be used. To the best of our knowledge, among all the
correlations developed in literature, the one that better, but not
completely, covers the range of application of this model is the one by
Hermes et al. [39], valid for air temperature between 2 and 7 °C, relative
humidity between 75 % and 86 % and a surface temperature between
—5and —10 °C.

Py = ae i —Tardew) — 494(0-1171~0.06Tair dew ) (20)

3.2. Defrost process

The dual process to frost formation involves a source of energy that is
able to melt the frost on the surface to restore the free working condition
of the evaporator. This process is a complex combination of heat and
mass transfer mechanisms [20], involving sensible and latent heat ex-
change with permeation of melted water within the remaining frost with
dragging and dropping of frost pieces along the coil surface. However,
according to literature [19,20], some models have been developed to
estimate the time needed to melt a certain amount of frost under some
simplifying assumptions. In this model, the defrost process is solved with
the finite volume approach previously described. In this case, frost
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volumes do not present a moving boundary, having the melting process
leading to a progressive increase to a porosity equal to 1.

The defrosting transient consists in a first stage of sensible heating of
the coil and of the frost thickness. When the melting temperature is
reached by the frost, the melting process starts. The frost mass variation
is the following:

dmyy _ dUy 1
do  do i,

2D

The permeation of melted water and its sensible heat transfer or
vaporization of retained water are not considered. However, these
contributions account for about 5 % of the heat consumption during
defrosting according to the experimental evidence of Song et al. [40].
Instead, the thickness of liquid that forms on the wall can cause entire
portions of frost to fall or detach in cases of very intense frost formation.
In these cases, the total energy required to clean the evaporator would
be less than that needed to melt the deposited mass. Therefore, a po-
tential conservative estimation of defrosting time may result from the
use of this model. When all the frost is melted, a dry heating stage of the
coil occurs until the set-point temperature that ends the defrost process
is reached. The defrosting process transient ends when the total amount
of frost has been melted and the set point temperature is reached for all
the heat exchanger elements.

The refrigerant side inlet conditions are defined by the hot gas bypass
system model. The heat transfer toward the frosted coil leads to the
decrease of the refrigerant specific enthalpy having a de-superheating
and a subsequent condensation with the final subcooling along the cir-
cuit.

mhgpriref + Qrefl]‘k =0 (22)

For the evaluation of the refrigerant heat rate, the refrigerant side heat
transfer coefficient is calculated using Shah correlation while
condensing [41] and Dittus-Boelter one [42] while de-superheating or
sub-cooling. The heat transfer with ambient air is natural convection
since the evaporator axial fans are idle during the defrosting process.

4. Finite volume grid and time-step analysis

The finite volume approach is solved using an implicit method. A
proper grid and time-step analysis have been conducted to reduce the
computational effort to run seasonal simulations. Some critical combi-
nations of boundary conditions (high temperature difference between
air and refrigerant, 98 % relative humidity and maximum fan speed),
have been evaluated in terms of time derivative of the frost density and
thickness to choose the one to be used for the analysis as shown in Fig. 8.

The simulation with a temperature difference of 20 °C presents the
highest magnitude for time derivatives. The minimization of numerical
error in this condition ensures that the numerical error is minimized for
all other, less critical, conditions. Using the set of conditions in green in
Fig. 8, several frost formation transient simulations have been evaluated
changing the mesh size and the time-step control logic. The mesh size
has been varied using 3 to 30 volumes for the tube, 3 to 110 volumes for
the fin and 3 to 9 volumes to divide the frost layer. Fig. 9 presents the
numerical error of the predicted mass of frost with respect to the one
obtained with the denser mesh for a single evaporator element. The
colorbar is related to the number of volumes for the fin since it resulted
the most significant dimension of the grid. For this reason, the chosen
mesh presents around 50 volumes for the fin and a combination of tube
and frost volumes that allows to maintain the elapsed time for the single
timestep of the evaporator element below le-4 s to have a seasonal
simulation completed in several hours.

Furthermore, Table 1 resumes the results for different auto-adaptive
time-steps. In this case, the numerical error ERg;, is defined as the per-
centage error between the time (6).,) needed to accumulate a quantity of
frost that leads to a —50 % in the evaporator cooling capacity with
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Fig. 8. Time derivative of (a) the frost density and (b) thickness resulted from the simulation of a frosting transient for one evaporator under critical combinations of

ambient air and refrigerant boundary conditions.
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Fig. 9. Mesh size numerical error analysis in terms of predicted mass of frost.
respect of the reference timestep of 0.1 s.

ERgpy = HPE"!aum—adapa’ve B HPE"!O.IS 100 (23)
Gpen }0.1&

Apart from a fixed timestep of 0.5 s, auto-adaptive timesteps based on

Numerical errors related to the settings chosen for simulations are
much lower than uncertainties related to experimental results. There-
fore, their effect on results obtained can be considered contained within
the expanded uncertainties mentioned in Appendix B.

5. Calibration and experimental validation

Given the size of these plants, it is very complex to run an experi-
mental campaign on the whole system. However, evaporators are the
most critical part of the system, and they are the crucial component of
this work. For these reasons, an experimental campaign involving a
wavy fin and tube evaporator arranged horizontally as done in DHN
evaporator fields has been carried out. Typical environmental condi-
tions of cold climatic locations have been replicated in a climatic
chamber to analyse frost formation. Tab. 2 shows the summary of the
experimental conditions tested: room temperature has been varied from
15 to —15 °C with high relative humidity values to test both dehumid-
ifying conditions and frost formation ones. These conditions have been
repeated changing air velocity values according to the rotating speed of
the axial fan that is coupled with the evaporator. The test facility
description and all the details about the experimental procedure are
resumed in Appendix B1.

Table 2
Summary of experimental campaign test conditions.

Test number Air velocity [m/s] Room temperature [°C] Room RH [%]

h L f th li . h P 1 1.4 15 80
t e variation of the evaporator coo ing capacity or the mean rost 5 14 10 80
thickness on the evaporator (control variable c¢) have been considered 3 1.4 5 80
with different thresholds Z needed to double the previous timestep as 4 1.4 -5 75
following: 5 L4 -15 75
6 2.1 15 80
Co — Cop_1 7 2.1 10 80
Abpi1 = 2:A0y & T-IOO <Z 24) 8 21 5 75
9 2.1 -5 75
Therefore, according to Table 1 the auto-adaptive timestep based on the 10 2.1 -5 80
. . 11 2.1 -15 75
variation of the evaporator heat rate with a 1 % threshold has been 12 3 s 80
chosen for all the simulations executed to get the presented results.
Table 1
Timestep sensitivity analysis for one frosting cycle on a single evaporator.
Timestep type 0.1 s (fixed) 0.5 s (fixed) AQ < 1% AQ < 5% Adr < 1% Adp < 5%
N. of iteration 80,387 16,120 58 23 466 117
Running time [min] 1742 349 1.25 0.49 10.1 2.53
Opens] 8040 8061 7911 7783 8083 7956
ERgim[%] 0 0.3 -1.6 3.2 0.5 -1.0
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The results coming from these tests have been used to run a com-
parison with the evaporator model with frost formation. Each test lasted
a few hours having subsequent frosting/defrosting cycles as depicted in
Fig. 10. In particular, Fig. 10(c) shows the evaporator surface right after
the defrosting process is completed. Before restarting the evaporator, the
axial fan is switched on to drip off water droplets. This dripping phase is
usually effective with a negligible retained liquid mass. Significative
data to be used for the calibration and the experimental validation were
obtained from the data reduction and uncertainty analysis reported in
Appendix B2. The experimental boundary conditions for both air and
refrigerant side for each test were given as input to the model to make an
experimental comparison regarding the thermal power, air-side pressure
drop and the total mass of frost. The overall statistical comparison has
been conducted using the mean absolute percentage error (MAPE) and
the mean relative percentage error (MRPE) of the predicted values with
respect of the experimental one. Fig. 11 shows the overall results for the
thermal power and pressure drop. These results have been obtained
through a calibration process involving the air-side heat transfer coef-
ficient and pressure drop correlations that is described in Appendix B3.

Furthermore, Fig. 12 presents the comparison in terms of the total
mass of frost accumulated on the evaporator surface, showing a good
degree of accordance between the model and the experimental results.
The points shown refer only to the end of the frosting cycles, which is
when the mass was measured.

The frames obtained by the camera have been analysed to obtain an
estimate of frost thickness on the first row of the evaporator as shown in
Fig. 13. In this figure, frost formation on a single element of the evap-
orator is shown at the end of the transient with the relative frame from
the camera. Instead, the smaller box shows the result for the whole
transient.

6. Case study and methodology

The evaporator field investigated in this work is associated to a 7.35
MW heat pump serving a district heating network in Aarhus (Denmark)
providing hot water at 62 °C with a return temperature of 30 °C. This
field can be realized in a huge number of ways related to the several
geometric features of a single fin and tube heat exchanger, the number of
evaporators and the axial fan choice, having a potential domain of
million design solutions. However, the mean computational time needed
to run detailed seasonal simulation does not allow to explore all this
domain. At this purpose, the first part of results involves the search for a
restricted domain of optimal thermo-economic solutions in design con-
ditions to be investigated on a seasonal base. The idea behind this part is
the assumption that the poorest design solutions cannot overcome the
best ones in a seasonal performance assessment that considers frost
formation which is a cause of performance decay for all the solutions.
This restricted domain is chosen defining the best solution in terms of
total costs and using a threshold (5 %) in terms of total cost percentage
difference with respect of this optimal solution. After that, a group of
field configuration is chosen from this subdomain to run seasonal sim-
ulations with a sensitivity analysis on field design parameters. Also,
different time-based defrosting strategy options will be investigated.

6 = 0, free surface

—_
0
=

6 =0 - 3h, frost growth
=~ —— e

== ——————)

—— ————

(b)
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According to that, the total number of seasonal simulations is the
combination of the field configuration extracted from the optimal sub-
domain in design conditions tested with each defrosting options. The
number of simulations is related to the results obtained.

Total costs Cy, are evaluated as the sum of the total energy con-
sumption Ens and the field investment cost Cgeq(provided by the
manufacturer) in a 10-year scenario considering a fixed energy price
Cen(0.3 €/kWh).

Cmt = Ecnn.s'Cen’lo + Cﬁeld (25)

7. Simulation results
7.1. Preliminary results in design conditions

According to methodology, Fig. 14 shows the starting domain of
design solutions investigated, spanning the main variables affecting
both the global conductance of the field, such as the air flow velocity and
the fin pitch, and its total heat transfer surface such as the field size in
terms of the number of evaporators. These variables have been also
considered due to their significant influence on frost formation. Other
geometrical features leading both to similar effects on heat transfer
surface such as the air-side frontal area or the number of tube rows, and
on global conductance such as tube and row pitches are assumed as
constants. Fig. 14 shows the results in terms of a colormap with respect
of the three chosen design variables. The colormap refers to the relative
percentage difference in total costs ACy,, taking the one with the lowest
total costs as a reference. The best solution has a field with 80 evapo-
rators, a 9 mm fin pitch with 2.5 m/s for air velocity. The energy con-
sumption for the evaluation of total costs is evaluated considering the
COP at the design conditions for these preliminary results.

From the analysis of Fig. 14, it is possible to identify a zone of
optimal thermo-economic solutions (within 5 % range) around the best
one, having a subset of 48 out of 150 total solutions. The COP for this
subset spans from 2.81 to 3.18. This range is comparable to design COP
available in literature for installed systems. For instance, a COP of 2.1,
3.4 and 3.5 is registered for Danish installations of 1.2 MW, 2.2 MW and
5 MW respectively [43]. Starting from the relative optimal solution of
this preliminary analysis, a restricted simulation domain, depicted in
Fig. 14, is defined to investigate how the change of design variables
affects frost formation and consequently the seasonal performance.
Indeed, 13 solutions are selected considering the variation of one vari-
able at time and moving on the main diagonals of the subset (bubbles
circled in purple in Fig. 14).

7.2. Seasonal simulation plan

According to the previous preliminary results, Table 3 resumes the
seasonal simulation domain investigated in this work in terms of
selected field geometrical configurations and defrosting strategy. The
temperature-time based defrosting strategy needs two main input
setting that have been included in the variable parameters of the
simulation domain: the number of evaporators to be defrosted

6 = 4h defrost completed

|
il

o
-

Fig. 10. Example of a 4 h frosting/defrosting cycle for a room temperature —5°C and a relative humidity of 75 %.
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Fig. 11. Comparison of the experimental and predicted results for both dehumidification conditions and frosting cycles for the evaporator (a) cooling capacity and
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Fig. 12. Comparison of the experimental and predicted results for the total
mass of frost on the evaporator.

simultaneously and the defrosting starting time. In particular, a fraction
of 10 % and 20 % of the field have been selected for the first input. The
second input is based on the mean time needed to reach a —30 % or a
—60 % decay of the evaporator cooling capacity for the selected con-
figurations in a reference simulation where the worst combination of

Time: 21600 s

0.005 0.01 0.015

X [m]

(2)

boundary conditions in terms of DHN load and weather are given as
fixed input during all the frost formation transient. The total permuta-
tions of Table 3 (4 defrosting strategies for each of the field configura-
tions) led to a group of 52 seasonal simulations. The model has been
developed and executed in MATLAB, using parallel computing tech-
niques for the evaporator field.

An example of the operation of the evaporator field during a seasonal
simulation for one of the permutations of Table 3 is presented in Fig. 15
where a 100-hour window is shown. When the cooling capacity of an
evaporator is equal to zero the defrosting process is going on. The red
dashed box highlights a complete cycle of defrosting for the whole field,
that means all evaporator groups have been defrosted, from the first one
(blue line) to the last one (grey line). According to defrosting strategy, an
interval of 40 h between two consecutive defrosting for the same
evaporator is visible. During this time interval, all evaporators are
defrosted using a proper temporal shift between each other to avoid
simultaneous defrosting.

Seasonal simulation results for all the permutations are reported in
the table provided in Appendix C. Instead, the main outcomes are here
commented. Fig. 16 shows the same plot of Fig. 14 but related to the
subgroup of seasonal simulations characterized by the same defrosting
strategy that contains the overall optimal solution. Compared to previ-
ous results, the optimal solution (whose edge is highlighted in red) has
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Fig. 13. Comparison between the predicted frost thickness for a single element of the evaporator obtained by the model and the experimental results collected from
frame analysis: (a) visual comparison regarding the final moment of the transient with the experimental frame and (b) comparison for the whole frosting cycle.
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Fixed parameters: Number of rows: 6 - Fin type: Wavy - Frontal area (Height x
Length): 2000 x 4000 mm - Tube and row pitch: 55 mm

12

Fin pitch [mm]
£

[

130

» 120
110
100
9%
80
70
60
50
40
30
20

3 10
0

45 35 55 §0 100 120
Airflow velocity [m/s]

L5 520 40

1%l

tot

AC

Evaporator field size

=" _—T 20
15 g.520 40 60 80 100

Fig. 14. Preliminary design results in terms of percentage total costs difference with respect of the best solution found as a function of the airflow velocity,
evaporator field size and fin pitch. The whole domain of 150 solutions is shown on the left side while the subdomain of 48 solutions within a 5% total cost difference

with respect to the best solution is shown on the right side.

Table 3
Seasonal simulation domain as a combination of field configurations extracted
from the preliminary analysis and defrosting strategy parameters.

Field configurations Defrosting strategy parameters

Evaporator Airflow Fin Fin Fraction of the Defrosting
field size Velocity pitch type field to be start time
[m/s] [mm] simultaneously definition
defrosted
80 1.5 9 Wavy 10 % and 20 % 20 h and 40
80 2.5 9 h
80 3.5 9
80 2.5 6
80 2.5 12
40 2.5 9
120 2.5 9
40 2.5 3
40 4.5 9
120 1.5 6
60 4.5 15
120 2.5 15
120 1.5 12

Ve = 2.5 m/s, Fin pitch 9 mm, 80 evaporators ( Defrosting strategy: 10% - 40h)
T T
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Fig. 15. Cooling capacity for each evaporator of the field during a 100-hour
window for the seasonal simulation of the field with 80 evaporators, 9 mm
fin pitch and 2.5 m/s nominal airflow velocity using a defrosting strategy
involving the simultaneous defrosting of 10 % of the field each 40 consecutive
hours under frosting conditions.

moved from 2.5 m/s to 3.5 m/s with the same fin pitch and evaporator
field size. Apart from that, the main outcome is that the variation of total
costs has changed from the preliminary 5 % to a maximum of 70 %,
proving the importance of taking into account frosting/defrosting cycles
to analyse design conditions that seems to be equivalent to each other in
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Defrosting strategy: 20% - 40h
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Fig. 16. Total costs percentage difference with respect to the optimal solution
(highlighted in red) for the subgroup of simulations related to a simultaneous
defrosting of 20% of the field each 40 h under frosting conditions. Solutions
crossed by the red arrows have been selected for the design parameter analysis
on total costs.

a preliminary analysis. The effect of the design parameters is evaluated
changing one parameter at time following the red arrows in Fig. 16.

The effect of the airflow velocity with the variation of the defrosting
strategy is shown in Fig. 17(a). Total costs decrease with the increase of
airflow velocity that leads to a higher field mean evaporation temper-
ature as shown in Fig. 17(b) for a 100-hour window of the seasonal
simulation. The 20 % strategy is more convenient for all the velocities
while a lower defrosting frequency is better when the velocity increases.

The higher evaporation temperature leads to a reduction in the
compression consumption with an increase for the axial fan power. This
trend is shown in Fig. 18 where the total seasonal energy consumption
varying the airflow velocity is represented. The energy fraction
accounted to HGBP system is related to the additional compressor
consumption described in Eq. (8). The solution at 3.5 m/s is slightly
better than the one at 2.5 m/s but going beyond this velocity is not
convenient anymore since the solution at 4.5 m/s has been discarded in
the preliminary analysis.

The effect of the evaporator field size with the variation of the
defrosting strategy is presented in Fig. 19(a). In this case the higher
defrosting frequency is more convenient when the field size is the lowest
because of a more intense frost formation as shown in Fig. 19(b) that
represents the field cumulative mass of frost during the heating season.
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Fig. 17. (a) Total costs variation as a function of the airflow velocity and the defrosting strategy. (b) An extract of the mean field evaporation temperature during
100 h of the seasonal simulation fixed the defrosting strategy for different airflow velocities.
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Fig. 19. (a) Total costs variation as a function of the evaporator field size and
the defrosting strategy. (b) Total mass of frost accumulated on the field during
the heating season fixed the defrosting strategy for different field sizes.
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Despite the highest field size presents the lowest accumulation of frost,
total costs are lower for the intermediate field size.

At this purpose, Fig. 20(a) shows that increasing the field size brings
to a higher evaporation temperature, but the energy consumption
related to the defrosting system increases for 80 to 120 evaporators as
shown in Fig. 20(b). Indeed, the energy consumption related to hot-gas
bypass system is directly proportional to the field size and inversely
proportional to the evaporation temperature. Therefore, the small gain
in the evaporation temperature passing from 80 to 120 evaporators do
not overcome the higher consumption due to a wider field.

Lastly, the analysis considering the fin pitch variation is shown in
Fig. 21. According to Fig. 21(a), the effect of the defrosting strategy
seems more impactful at the narrower fin pitch. Furthermore, Fig. 21(b)
presents the field airflow blockage ratio in terms of mean and maximum
values for the whole heating season. The narrower fin pitch presents a
higher maximum blockage ratio. Instead, the higher fin pitch presents a
lower maximum value but a higher mean value. This is due to a stronger
accumulation of frost that is related to a lower mean evaporation tem-
perature. Therefore, these two opposing effects justify the position of the
minimum values in total cost difference for the 9 mm fin pitch.

Analysing overall results, defrosting 20 % of the field is more cost-

10% Field - 20h

—_ I GBP
o |
40
g o —— ; 3500
= /\/M 0| 200 =
5 \ £ 3000
=%
B \ £ 2500
= -4 | 2
£ ‘ £ 2000
- <
5 -6 >
2 201500
= 9
3 3 5
= = 1000
£ z
-10
= Z 500
2 @
= -12 0
250 300 350 40 80 120
Time [h] Evaporator Field Size
(a) (b)

Fig. 20. (a) An extract of the mean field evaporation temperature during 100 h
of the seasonal simulation fixed the defrosting strategy for different field sizes.
(b) Seasonal energy consumption expressed as the sum of compressors, pumps
and axial fan contribution and hot gas bypass system additional consumption
varying the field size.
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Fig. 21. (a) Total costs variation as a function of the evaporator fin pitch and the defrosting strategy. (b) Maximum and mean values for the field airflow blockage

ratio fixed the defrosting strategy for different fin pitches.

effective than defrosting 10 % in almost all situations. Defrosting 20 % of
the field rather than 10 % results in a lower total number of defrosts at
the same frequency (i.e. in a 40-hour frosting cycle, defrosting happens
10 times for 10 % fraction while 5 times for the 20 % fraction). However,
defrosting a larger fraction of the field means a lower number of active
evaporators serving the system, having a stronger, but less frequent,
reduction of evaporation temperature. A higher number of defrosting
means a lower mean amount of frost on the evaporator, but time-based
strategies may run into unnecessary defrosting. The analysis of
defrosting strategies is based on these aspects, and their combination
leads to the result obtained that is strictly related to this case study.

The sensitivity analysis on electricity price variability is shown in
Fig. 22 in terms of total cost percentage difference. Despite the optimal
solution is the same for each price, increasing the cost of energy from
0.05 €/kWh to 1 €/kWh does not always lead to an increase in cost
difference. This is related to the relative weight of investment costs,
although they represent on average 3 % of total costs. In fact, in cases
where the investment cost of the field is lower than that of the optimal
solution, there is a maximum increase in the difference in total costs
equal to 10 %. In the opposite cases, the difference in total costs de-
creases, up to —11 %.

80

70 |——0.05 €AWh |
—— 0.1 €kWh

60 0.3 €/kWh |
—— 1 €4kWh

Simulation number

Fig. 22. Sensitivity analysis of total cost percentage difference on electricity
price variability.
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8. Conclusions and further comments

This work has presented a comprehensive model to evaluate the
seasonal performance of a large-size air-source heat pump served by an
evaporator field. A detailed modeling approach for the parallel evapo-
rators, accounting for frost formation and defrosting transients, has been
described. This model was subsequently tested and calibrated through a
dedicated experimental campaign conducted on a horizontal wavy fin-
and-tube evaporator. According to that, these results refer only to the
case study analysed and not generalizable to other climatic conditions or
system characteristics such as size or refrigerant used. The validated
model was then employed to evaluate various evaporator field config-
urations, including variations in the number of evaporators, airflow
velocity, and fin pitch, for a specific Danish district heating case study,
aiming to identify an optimal solution in terms of total costs. A pre-
liminary analysis, investigating a broad design domain, successfully
identified a region of thermo-economic convenience for further seasonal
simulations.

The primary outcome of this study highlights a critical discrepancy: a
preliminary design analysis that neglects frost formation can suggest a
domain of nearly equivalent thermo-economic solutions (showing only
up to 5 % deviation in total costs compared to the best solution).
However, when frost formation and the subsequent necessity of
defrosting are considered, there is a substantial difference among solu-
tions within this equivalent domain (up to 70 % variation), leading to a
significant reduction of the convenient solution space.

Among the investigated design variables, the optimal evaporator
field size was found to be 80 evaporators. Increasing the airflow velocity
up to 3.5 m/s leads to a reduced compressor consumption without
exceeding the additional fan energy penalty, while an intermediate fin
pitch of 9 mm was most effective in balancing airflow obstruction and
heat transfer. Regarding the defrosting strategy, the simultaneous
defrosting of 20 % of the evaporator field consistently was more
convenient than defrosting 10 %.

A key contribution of this work is the assessment of quantitative
seasonal results that directly support design and optimization. The
outcomes demonstrate how apparently minor design choices, such as
airflow velocity, fin pitch, or defrosting fraction, lead to significant
differences in seasonal efficiency and total costs, up to 70 %. These in-
sights provide practical guidance for engineers and decision-makers,
enabling the development of more robust and cost-effective heat pump
systems under real operating conditions.
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Appendix A. Evaporator model closure equations
Al. Finite volume equations characterization

The heat transfer problem shown in Fig. 5 can be solved with a system of equations involving conductive heat fluxes among the tube, fin and frost
contact surfaces and convective heat fluxes with the refrigerant inside tubes and the external airflow. These heat rates Q, are described with the
following general equation:

Q = GAAT; (AL.1)

Where the conductance C; are expressed using the expression of the series of conductance since the domain is composed by different materials:

k1 kz

= ———— Al.2
kiss + kos ( )

In case of conductance along the x axis, the thicknesses involved in Eq. (A1.2) are equal to the half of the distance between the centres of the
adjacent volumes considered, while for the r axis the thicknesses refer to the logarithm of the radii ratio. Consistently with the radial symmetry of the
domain, the edge surfaces A; are circular crowns when parallel to the r axis or cylindrical when parallel to the x axis.

A2. Convective heat transfer coefficients and pressure drop correlations

The refrigerant convective heat transfer coefficient is evaluated using the correlation of Gungor-Winterton [44], while proprietary correlations
provided by the manufacturer are involved in the air-side heat transfer coefficient calculation. The general expression of the correlation is the
following:

her = aw’ (A2.1)

Where appropriate coefficients a and b are used depending on the geometrical features of the fin and tube coil. Alternatively, the model can be used
with Wang et al. correlations [45,46].

Regarding pressure drop on the refrigerant side the frictional contribution is evaluated with Muller-Steinhagen & Heck correlation [47], the
momentum contribution is evaluated according to [48] and the gravitational one is equal to:

Apgijk = /)refgpﬁ'l (A2.2)

To take into account tube bends, a correction factor is applied to the frictional contribution according to [49]. Instead, total air side pressure drops
are evaluated with proprietary correlation provided by the manufacturer with the general form expressed in Eq. (A2.2) whose coefficients ¢, d and e
depends on the evaporator geometrical features.

Apair = cWd-N¢ (A2.3)

Alternatively, Kays and London correlation [50] can be used with the friction factor evaluated with Wang et al. correlations [51], calculating the
geometrical factors of the evaporator element considering frost thickness.

A3. Mass transfer coefficient

The Lewis analogy allows to evaluate the mass transfer coefficient as follows:
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h,;
Kp=——""— (A3.1)
(Cp,air + maircp.v)Leg

Since the molecular diffusion is weaker within a porous solid than a gas due to the impediment of pores, the Lewis number Le taken into account in
frost formation models is expressed as the ratio of air thermal diffusivity and effective vapor diffusivity Dg:

Le = &

(A3.2)
Degy

Starting from the correlation for vapor diffusivity created from the data presented in the work by Lee et al. [35], the effective diffusivity is a
function of frost porosity y and tortuosity = according to Brian et al. [52]:

Dy =D, =£(0.0013T,; +0.2219)-10™* (A3.3)
With:
_ = pe) (A3.4)
Pv ~ Pice

While tortuosity is evaluated using the equation proposed by Zehnder et al. [53]:

T= #\/ﬁ (A3.5)
Finally, the air thermal diffusivity a is equal to:
a plcp (A3.6)
Hermes et al. correlation [9] is used for frost thermal conductivity that is expressed as a function of only frost density:
ke = 0.132+3.13-10"‘pf+1.6~10’7/)f2 (A3.7)

Appendix B. Experimental campaign
B1. Test facility description and experimental procedure

The experimental campaign has been conducted in the climatic chamber of Lu-Ve S.p.A. whose schematization is showed in Fig. B1 with all the
measurement along the three main parts: liquid and suction line and the branch for the hot gas defrosting process. The testing evaporator is connected
to a direct expansion system working with R507A, so a superheating control is set at the evaporator outlet. The experimental conditions of temperature
and relative humidity in the chamber are controlled by a PID system connected with the chamber measurement and the set point values given at the
beginning of each test. The sequence of frosting and defrosting phases within each test has been controlled with a timer, fixing the starting time of
defrosting after frosting phases lasting from 3 to 6 h. The defrosting was carried out activating the hot gas line in Fig. B1.1 when the ambient tem-
perature was below 0 °C, instead a forced convection defrosting was activated in the opposite case. In both cases, defrosting lasted about 25 to 30 min.
After a single frosting/defrosting cycle, a mass measurement of the drainage water collection was carried out to evaluate the total mass of frost
accumulated on the evaporator surface.

5 CP """""""""" CLIMATIC CHAMBER |
OO

Contrasting e
fin and tube Testing

heat evaporator 0
exchangers

——— Liquid line (high pressure)

Room contrasting
Dry cooler  heat exchangers
condenser condenser

Oil
separator

Suction line (low pressure)
~——— Hot gas defrosting line

Liquid @ Pressure transducer
recervers

@ Thermocouple/RTD

® Mass flow meter
@ Mass measure

I
| Liquid separator @ Hygrometer
—

Fig. B1.1. Schematization of the climatic chamber with its dedicated system.
The tested evaporator is characterized by a staggered configuration with a 55 mm tube pitch and a 27.5 mm row pitch. Each row has 18 internal
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micro-finned copper tubes with an internal diameter of 12.61 mm and a length of 1215 mm divided in 9 circuits. The fin typology is wavy with a 5 mm
pitch and a 0.3 mm thickness. The evaporator is positioned horizontally with a suction fan on its upper side as shown in Fig. B1.2(a), having a counter-
current flow displacement as schematized in Fig. B1.2(b) showing also the ten thermocouples installed (six on the suction side and four on the fan
outlet), the differential pressure transducer and an illuminated plexiglass window realized on the evaporator to install a camera that frames part of the
first row on the refrigerant side. Camera frames have been used for the estimation of frost thickness. Considering the fin with the highest degree of
orthogonality in the frame, frost thickness refers to the mean value along the fin. This value has been collected using a RGB pixel analysis to define the
position of frost surface.

[ Air outlet B-B

Ref. inlet
—

—_—

Eoro Rel outlet A-A

I Air suction

(b)

Fig. B1.2. (a) The tested evaporator inside the climatic chamber and (b) its schematization with measument locations.

B2. Data reduction and uncertainty analysis

Tab. B2.1 shows the summary of all the measurements with their respective uncertainties. The thermal power of the testing evaporator was
evaluated on the refrigerant side as follows:

Qref = mref(is - ll) (B2.1)

The superheated vapor enthalpy i; is evaluated using the measured temperature T, at the measured pressure p,, at the evaporator outlet. The inlet
enthalpy i, is evaluated, assuming an iso-enthalpic lamination, through the subcooled temperature at condenser outlet T;; and using the compressor

outlet pressure measurement p,,. Therefore, according to the expanded uncertainty calculation [54], the mean relative uncertainty for the thermal
power is evaluated using the following equation:

L — 52 .2 2012
Ug,, = Ky/m i ) + Aty

For the whole experimental campaign, assuming a coverage factor K equal to 2, this expanded uncertainty is equal to 10 %. The experimental
evaporator cooling capacity has been used for the calibration of the air side heat transfer coefficient. Therefore, its expanded uncertainties can be
applied to this calibration process, resulting in a calibration uncertainty that has been used in seasonal simulations. A mean +4.5 % variation for the
seasonal energy consumption has been obtained as quantification impact of experimental uncertainties on seasonal simulation results.

(B2.2)

Table B1
Measurement uncertainties.
Measurement type Uncertainty
Inlet air-side thermocouples +0.2°C
Outlet air-side thermocouples +0.3°C
Evaporator outlet superheating, Ty, +0.2°C
Condenser outlet thermocouple, T, +0.2°C
Evaporator outlet pressure,p., + 0.01 bar
Compressor outlet pressure,p,, =+ 0.01 bar
Air side pressure drop +1Pa

Refrigerant mass flow rate, ¢

+0.1% of read value

Fig. B2.1 shows the subsequent frosting cycles for the experimental room conditions of —5°C and 75 % for relative humidity. Taking from this set of
cycles the one with the lower uncertainty, the values of thermal power and pressure drop related to the start, the half and the end of the selected cycle,
calculated with a moving average on 10 values, are extracted to run a comparison with the model.
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20 I ‘ ‘ ‘ ‘ ‘ Frosting cycles 70 ‘ ‘ ‘ ‘ ‘ ‘ I
N.1 L J
N2 60
N.3 L 1
15 — N4 S0
—N.5
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Fig. B2.1. (a) Evaporator cooling capacity and (b) air-side pressure drop during the subsequent frosting cycles at a room temperature of —5 °C and a relative
humidity of 75 % with the selected values for the start, half and end of the frosting cycle with the lower uncertainty (second cycle).

B3. Calibration of the air side heat transfer coefficient and pressure drop with frost formation

The mentioned correlations for the air-side heat transfer coefficient (Eq. A2.1) and pressure drop (Eq. A2.2) have been developed for evaporators
working in free surface conditions. Therefore, a calibration of these correlations in case of frost formation has been conducted using experimental data.
The heat transfer coefficient correlation has been modified as follows:

heir = 0.86-a-w” (B3.1)

While a factor that takes into account the experimental blockage ratio has been added to the pressure drop correlation to consider the effect of frost
formation:

Apgir = a-VP-N¢-BR*® (B3.2)

Appendix C. Seasonal simulations results

Table C1 presents the results for all the set of seasonal simulations ordered from the best solution to the worst one in terms of percentage difference
in total costs with respect to the optimal solution.

Table C1
Seasonal simulation results.

N° simulation Field size Fin pitch [mm] Airflow velocity [m/s] Defrosting fraction of the field Defrosting start time [h] ACior [%]
12 80 9 3.5 20 % 40 0.00 %
10 80 9 3.5 20 % 20 1.51 %
8 80 9 2.5 20 % 40 1.55 %
6 80 9 2.5 20 % 20 1.68 %
40 120 6 1.5 20 % 40 2.03 %
18 80 12 2.5 20 % 20 3.45%
28 120 9 2.5 20 % 40 3.48 %
20 80 12 2.5 20 % 40 3.51%
46 120 15 2.5 20 % 20 3.66 %
16 80 6 2.5 20 % 40 4.17 %
52 120 12 1.5 20 % 40 4.76 %
48 120 15 2.5 20 % 40 4.90 %
50 120 12 1.5 20 % 20 5.47 %
11 80 9 3.5 10 % 40 5.49 %
2 80 9 1.5 20 % 20 6.23 %
7 80 9 2.5 10 % 40 7.88 %
9 80 9 3.5 10 % 20 8.05 %
5 80 9 2.5 10 % 20 8.79 %
19 80 9 2.5 10 % 40 9.71 %
26 120 9 2.5 20 % 20 10.07 %
17 80 12 2.5 10 % 20 10.11 %
34 40 9 4.5 20 % 20 10.18 %
14 80 6 2.5 20 % 20 10.20 %
4 80 9 1.5 20 % 40 10.47 %
47 120 15 2.5 10 % 40 10.56 %
15 80 6 2.5 10 % 40 10.58 %
39 120 6 1.5 10 % 40 10.66 %

(continued on next page)
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N° simulation Field size Fin pitch [mm] Airflow velocity [m/s] Defrosting fraction of the field Defrosting start time [h] ACior [%]
27 120 9 2.5 10 % 40 11.35 %
38 120 6 1.5 20 % 20 11.67 %
45 120 15 2.5 10 % 20 11.81 %
51 120 12 1.5 10 % 40 12.05 %
42 60 15 4.5 20 % 20 13.15%

1 80 9 1.5 10 % 20 14.68 %
33 40 9 4.5 10 % 20 16.05 %
49 120 12 1.5 10 % 20 16.07 %
44 60 15 4.5 20 % 40 16.25 %

3 80 9 1.5 10 % 40 17.98 %
22 40 9 2.5 20 % 20 18.98 %
23 40 9 2.5 10 % 40 18.98 %
41 60 15 4.5 10 % 20 19.68 %
43 60 15 4.5 10 % 40 21.30 %
13 80 6 2.5 10 % 20 24.88 %
36 40 9 4.5 20 % 40 25.05 %
21 40 9 2.5 10 % 20 26.31 %
25 120 9 2.5 10 % 20 27.17 %
35 40 9 4.5 10 % 40 30.42 %
37 120 6 1.5 10 % 20 30.63 %
30 40 3 2.5 20 % 20 31.31 %
31 40 3 2.5 10 % 40 31.31 %
24 40 9 2.5 20 % 40 44.04 %
29 40 3 2.5 10 % 20 52.53 %
32 40 3 2.5 20 % 40 70.83 %

Data availability

Data will be made available on request.
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